A Thermal Elastohydrodynamic Lubricated Thrust Bearing Contact Model by Xu, G. & Sadeghi, F.
Purdue University
Purdue e-Pubs
International Compressor Engineering Conference School of Mechanical Engineering
1998






Follow this and additional works at: https://docs.lib.purdue.edu/icec
This document has been made available through Purdue e-Pubs, a service of the Purdue University Libraries. Please contact epubs@purdue.edu for
additional information.
Complete proceedings may be acquired in print and on CD-ROM directly from the Ray W. Herrick Laboratories at https://engineering.purdue.edu/
Herrick/Events/orderlit.html
Xu, G. and Sadeghi, F., "A Thermal Elastohydrodynamic Lubricated Thrust Bearing Contact Model" (1998). International Compressor
Engineering Conference. Paper 1226.
https://docs.lib.purdue.edu/icec/1226
A Thermal Elastohydrodynamic Lubricated Thrust Bearing Contact Model 
Gang Xu, Research Engineer, Research laboratory 
Tecumseh Products Company, Ann Arbor, MI 48108 
Farshid Sadeghi, Professor, School of Mechanical Engineering 
Purdue University, West Lafayette, lN 47907 
ABSTRACT 
A fully-coupled thermoelastic model for a fixed pad thrust bearing has been developed. Pressure, film 
thickness and three-dimensional temperature profiles were obtained by simultaneously solving the Reynolds, film 
thickness, energy and force balance equations using a combined finite difference and finite element method. The 
elastic deformation due to the pressure and the thermal distortion due to the temperature rise were obtained using 
finite element method. The results indicate that the thermal effects generally reduce the minimum film thickness and 
that the temperature rise in the lubricant can be significantly higher than the ambient. Furthermore, the thermal 
distortion due to the temperature rise has significant effect on the pressure, film thickness and temperature results, 
while the effect of the elastic deformation due to the pressure is negligible. 
INTRODUCTION 
Thrust bearings have been widely used to support axial loads in rotating machinery. In compressor 
applications, due to the dilution of refrigerant mixed with lubricant and the temperature rise, the viscosity of the 
lubricant mixture becomes so low such that using a thrust bearing at the crankshaft thrust face will be helpful in 
reducing wear. Accurate modeling of pressure, film thickness and temperature profiles in thrust bearing contact is of 
critical importance for the design and analysis of thrust bearings. 
Isothennal thrust bearing theory is well developed and covered in many books (Hamrock 1994). However, 
engineers continually push the thrust bearing design boundaries by increasing loads and speeds. Therefore, 
isothermal thrust bearing theory is no longer sufficient for the design and analysis of thrust bearings. At high loads 
and speeds the temperature effects on lubricant viscosity and elastic deformation of thrust bearing can be significant 
and will modify the bearing performance. 
Kim et al. (1983) and Jeng et al. (1986) presented their studies in which three dimensional thermal analysis 
on thrust bearings was conducted with the lubricant viscosity varied across the film thickness, however, the elastic 
and thermal deformations of the bearing surfaces were neglected. Abdel-Latif (1988) proposed an incremental load 
iteration scheme to study heavily loaded thermal elasto-hydrodynamic thrust bearings, however, he neglected the 
thermal distortion effects. Recently, Rrockett et al. (1996) provided a complete thermalelastic analysis of thrust 
bearings using finite element method. They found that thermal distortion significantly affects the minimum fluid film 
thickness in thrust bearing contact. 
In this study, a fully-coupled three-dimensional thermal elastohydrodynamic thrust bearing lubrication 
model was developed. The model combines the finite difference and the finite element methods and can be used for 
general fixed pad thrust bearing contacts, thrust washer contacts, and wet clutch ring contacts. 
GOVERNING EQUATIONS 
Figure 1 depicts a general fix pad thrust bearing. The thermal elastohydrodynamic thrust bearing solution 
requires the simultaneous solution of Reynolds, film thickness, energy and force balance equations. 
Revnolds Equation 
The pressure profile in the contact was obtained from the solution to the Reynolds equation. The steady 
state thermal Reynolds equation in polar coordinate is; 
! [rh3 ~~ (a1 ~G 2 )]+~ :e [ h3 ~~ (G 1 ~ G2 )]+ V8 :e (G 3h) = o (1) 
Where p is the pressure, h is the film thickness, r and 8 are coordinates in the radial and circumferential directions, 
and G~, 2. 3 are lubricant viscosity functions of pressure and temperature. Roelands lubricant viscosity-pressure-
temperature relationship was used in this study (Xu and Sadeghi 1996). 
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Film thickness equation 
The pressure generated in the contact can elastically deform the thrust pad and runner and the temperature 
increase in the lubricant can cause thermal distortion of the surfaces. In order to accurately model lubrication of 
thrust bearings, the elastic deformation due to pressure and the thermal distortion due to temperature need to be 
included in the analysis. The film thickness equation is: 
h(r,9) = hpad (r,9)+Mp ·P+Mq ·Q (2) 
Where hpad(r,9) is the profile of the pad surface. The second and third terms in Equation (2) are the elastic 
deformation caused by pressure and the thermal distortion due to temperature, respectively. Mp and Mq are the 
structural and thermal stiffness matrices for the thrust pad which were obtained from finite element analysis (FEA) 
model. The FEA mesh at the surface is the same as that used in the pressure and temperature calculations. P and Q 
are the pressure and heat flux vectors, respectively. 
Energy equation 
The temperature rise in the lubricant film was obtained by solving the steady state energy equation: 
Prcr(V•VT)~k,V2T+!l(p,T)[(a~ r +(a~e )'] (3) 
where T is the lubricant temperature, Pf is the lubricant density, cr is the lubricant specific heat, kf is lubricant thermal 
conductivity, u is the lubricant viscosity, z is the coordinate across the film, and Vr and v. are the lubricant velocity 
in radial and circumferential directions, respectively. The left side of Equation (3) describes the convection, the first 
term on the right side is the conduction, and the second term is the viscous dissipation. Due to relatively low 
pressures (MPa range) generated in thrust bearings, the compression heating was ignored in Equation (3). 
Surface temperature 
The runner surface temperature distribution was approximated by the flash temperature equation. In this 
study, the heat flux is circumferentially averaged: 
Z1t[ClTJ rde' 
T(r,9,h) upper =C I a upper ~ (4) 
surface 0 z surface r(9 - 9') 
However, the flash temperature model cannot be used on pad surface because the pad remains stationary. In this 
case heat conduction equation needs to be solved. Finite element approach was used to obtain the surface 
temperature rise matrix M,. The thrust pad surface temperature can then be obtained from; 
T(r,9,0) lower = Mt ·Q+To 
surface 
(5) 
Where T 0 is the oil bath temperature, which is also regarded as the ambient temperature. The convection condition 
was used as the boundary condition at the pad inner and outer radial surfaces and at the bottom surface of the pad. 
Velocity distribution 
Velocity distribution of the lubricant in the contact region is needed in order to determine the temperature 
distribution. The velocity of the lubricant in the tangential and radial directions are given by: 
Clp F5 Clp 
Vr(r,8,z)=Fsar• V8 (r,8,z)=~ae+V9 F6 (6) 
The velocity component, Vz across the film thickness was neglected. F5 and F6 are functions of viscosity which 
depends on temperature. 
Force balance equation 
The pressure generated inside the contact should balance the external axial load, 
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Structural and thermal finite element models were developed for the thrust bearing pad. The bearing pad 
was treated as a thin washer, with bottom surface flat and the upper surface having a profile of hpact(r,8). Both FEA 
models contain the same mesh consisting of 3004 nodes and 1944 elements. For the structural FEA model, 8-node 
linear brick element was selected and the bottom of the pad was constrained. For the thermal FEA model, 8-node 
temperature-displacement coupled brick element was used. Multiple cases were calculated first to construct the 
structural stiffness matrix MP, the thermal stiffness matrix Mq and the surface temperature rise maxtrix Mt. The 
results of MP, Mq and Mt were then used to calculate pressure, film thickness and temperature results. 
Reynolds and energy equations were discretized using control volume scheme. Gauss-Seidel-Newton 
relaxation method was used to calculate the pressure and temperature at each discretized node points. Reynolds and 
energy equations were iterated alternatively, and the viscosity, velocity and surface temperature were updated after 
each temperature relaxation. Force balance equation was used to control the global convergence of the solution. 
RESULTS AND DISCUSSION 
Figure 2 illustrates the pressure, film thickness and temperature profiles for one pad section of the thrust 
bearing at a rotational speed of 600 rpm and 1362 N of load. Figure 2(a) depicts the pressure distribution over one 
pad. The maximum pressure is 5.64 MPa. Figure 2(b) illustrates the film thickness profile including the elastic 
deformation due to the pressure and the thermal distortion due to the temperature rise. The minimum film thickness 
is 7.70 J.l.m. Figure 2(c) depicts the temperature profile on the plane parallel to the pad surface where the maximum 
temperature rise occurs. The maximum temperature rise is 19.84 °C which occurs in the lubricant film rather than at 
the surfaces. The results also indicated that there are two temperature peaks close to the end of the ramp in the inner 
and outer radii. These temperature spikes are caused by the significant increase in velocity in the radial direction 
(side flow), which increases the viscous dissipation. Figure 2(d) illustrates the velocity profile in the radial direction. 
Figure 2(e) and 2(f) show the profiles of elastic deformation and thermal distortion. The elastic deformation profile 
closely follows the pressure profile with the maximum nondimensional deformation of 0.000558. The thermal 
distortion resembles the temperature profile, with the maximum nondimensional deformation of 0.0080 which is an 
order of magnitude larger than that of the elastic deformation. It is to be noted that both the elastic deformation and 
thermal distortion depend on the pad geometry and material properties. 
In order to investigate the individual contributions of thermal effects, elastic deformation and thermal 
distortion on thrust bearing performance, six different combination conditions were considered. The combinations 
considered are isothermal and thermal, with and without the effect of elastic deformation and with and without the 
effect of thermal distortion. Table 1 contains the results for the case when the speed is 600 rpm and the load is 1362 
N. Comparing the cases of isothermal hydrodynamic and thermal hydrodynamic, and the cases of isothermal 
elastohydrodynamic and thermal elastohydrodynamic, the results indicated that by including the thermal effect, the 
maximum pressure was increased slightly, and the minimum film thickness reduced by nearly 8% (from 8.20 J.l.m to 
7.57 J.l.m). The maximum temperature rise is nearly 16 oc (15.57 °C with elastic deformation included and 16.37 oc 
without). The results also indicated that the effect of the elastic deformation on pressure, film thickness and 
temperature is small, this is mainly due to the thin shape of the pad and the corresponding fixed boundary conditions 
used in this study, which results in very small elastic deformation. Listed also in Table 1 are the thermal distortion 
effects. Comparing case 3 with 4 and case 5 with 6 indicates that the thermal distortion has negligible effect on the 
maximum pressure and slightly increases the minimum film thickness. However, The thermal distortion effect 
results in significantly higher maximum temperature rise, from 16.37 oc for rigid contact to 19.97 °C for elastic 
contact, a 20% increase. 
Table 2 contains the results for six different conditions for the case of 1000 rpm and 1362 N load. The 
results indicate that by including thermal effects, the minimum film thickness was reduced from 11.0 J.l.m to around 
9.46 J.l.m, a 14% reduction. The maximum temperature rise is 31 °C, without the effect of thermal distortion. By 
including thermal distortion, the maximum pressure and minimum film thickness were minimally affected. However, 
the maximum temperature rise was increased to nearly 46 °C above the ambient temperature, a 50% increase. Again, 
the effect of elastic deformation is negligible, as compared with that of thermal distortion. 
Table 3 contains the results for the case of 300 rpm and a load of 2270 N, a more severe condition than the 
conditions considered in Tables 1 and 2. Higher load results in larger maximum pressure, nearly 14 MPa for all the 
six different conditions. The results again show that the effects of elastic deformation is negligible and thermal 
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effects reduced the minimum film thickness, from 3.70 j.lm for isothermal to 3.52 j.lm for thermal. It also indicates 
that by including the thermal distortion, the maximum temperature rise was increased from 24.16 °C to 29.38 °C. 
CONCLUSION 
In thrust bearing applications, temperature rise in lubricant can be significant. The maximum temperature 
rise was over 40 °C in this study. Thermal effects increase the maximum pressure and reduce the minimum film 
thickness. 
Elastic deformation has negligible effect on maximum pressure, minimum film thickness and maximum 
temperature rise. The maximum elastic deformation is only 8.5% of the minimum film thickness for the case 
presented in Table 3. 
The thermal distortion is significantly larger than elastic deformation in the thin washer type thrust pad 
considered in this study. The maximum thermal distortion is 45.8% of the minimum film thickness for the case in 
Table 3. Although thermal distortion results in a slightly increased maximum pressure and film thickness as 
compared with the results of thermal analysis which neglects the thermal distortion effect, it significantly increases 
the maximum temperature rise in the thrust bearing contact, a 50% increase for the case in Table 2. 
The maximum temperature rise occurs in the lubricant volume, rather than at the pad surfaces. Increasing 
the running speed results in larger minimum film thickness and lower maximum pressure. However, it significantly 
increase the maximum temperature rise inside the contact. 
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Table 1. The effects of surface deformation due to pressure and temperature 
on thrust bearing contact for the case of 600 rpm and 1362 N load 
Maximum Pressure Minimum Film Maximum Temp-
(MPa) Thickness (J.l.m) erature Rise (0 C) 
Isothermal Hydrodynamic 5.47 8.20 NIA 
Isothermal Elastohydrodynamic 5.46 8.18 N/A 
Thermal Hydrodynamic 5.56 7.57 16.37 
THD with Thermal Deformation 5.65 7.72 19.97 
Thermal Elastohydrodynamic 5.57 7.59 15.57 
1EHD with Thermal Deformation 5.64 7.70 19.84 
Table 2. The effects of surface deformation due to pressure and temperature 
on thrust bearing contact for the case of 1000 rpm and 1362 N load 
Maximum Pressure Minimum Film Maximum Temp-
(MPa) Thickness (!lm) erature Rise (0 C) 
Isothermal Hydrodynamic 4.76 11.02 N/A 
Isothermal Elastohydrodynamic 4.75 11.0 N/A 
Thermal Hydrodynamic 4.72 9.47 31.0 
THD with Thermal Deformation 4.77 9.63 46.29 
Thermal Elastohydrodynamic 4.71 9.46 31.02 
TEHD with Thermal Deformation 4.76 9.62 46.32 
Table 3. The effects of surface deformation due to pressure and temperature 
on thrust bearing contact for the case of 300 rpm and 2270 N load 
Maximum Pressure Minimum Film Maximum Temp-
(MPa) Thickness (J.l.m) erature Rise ( 0 C) 
Isothermal Hydrodynamic 13.55 3.70 N/A 
Isothermal Elastohydrodynamic 13.40 3.69 N/A 
Thermal Hydrodynamic 14.26 3.54 24.16 
THD with Thermal Deformation 14.98 3.70 29.39 
Thermal Elastohydrodynamic 14.15 3.52 24.16 
TEHD with Thermal Deformation 14.78 3.68 29.38 
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